The further thermal efficiency improvement of marine natural gas engine is constrained by a knocking phenomenon that commonly occurs in gas-fueled spark-ignited engines. It plays an important role to investigate how the knocking occurs and how to predict it based on the engine simulation model. In this paper, a two-zone model is developed to provide the prediction of knocking performance and NO emission, which is verified by engine test bed data from a transformed marine natural gas spark ignition (SI) engine. Cylindrical division theory is used to describe the shape of the two zones to decrease the computational cost, as well as a basic mechanism for NO concentration calculation. In order to solve the volume balance, three boundary parameters are introduced to determine the initial condition and mass flow between the two zones. Furthermore, boundary parameters' variation and knocking factor (compression ratio and advanced ignition angle) will be discussed under different working conditions. Result shows that the two-zone model has sufficient accuracy in predicting engine performance, NO emission and knocking performance. Both the increasing compression ratio and advanced ignition angle have a promoting effect on knocking probability, knocking timing and knocking intensity. The knocking phenomenon can be avoided in the targeted natural gas SI engine by constraining the compression ratio smaller than 14 and advanced ignition angle later than 30 • before top dead center (BTDC).
Introduction
Natural Gas (NG) is considered as an appropriate alternative for internal combustion engines due to its cleaner combustion, relative lower cost and rich reserves [1, 2] . It is generally applied in the form of mono-or dual-fuel engines, such as spark ignition natural gas engines, natural gas/diesel engines and CNG-H 2 engines [3] [4] [5] . For spark ignition (SI) natural gas engines, the further thermal efficiency improvement is constrained by a knocking phenomenon that commonly occurs in gas-fueled SI engines [6] . Knocking is the noise transmitted through the engine structure when a portion of the end-gas (the mixture of fuel, air and residual gas) ignites spontaneously before the propagating flame arrival. When this abnormal combustion process takes place, there will be an extremely rapid chemical energy release in the end-gas, resulting in high local pressure and the propagation of pressure waves of substantial amplitude across the combustion chamber, which may cause the chamber to resonate at its natural frequency [7] . Knocking primarily occurs under wild-open-throttle operating conditions, which leads to a direct constraint on engine performance. In addition, since knocking probability increases with higher temperature and pressure of the end-gas, it also constrains the engine efficiency by limiting the maximum compression ratio. Therefore, it is important for an engine designer to achieve the desired normal combustion behavior while holding the engine propensity to knock at a minimum.
zone, during real-time simulations. Reyes [29] developed a two-zone thermodynamic combustion diagnosis model to analyze the combustion process and cycle-to-cycle variations in a spark ignition engine fueled with natural gas/hydrogen mixtures. The two-zone model considers a spherical flame front centered at the spark plug, and solves the intersection of the flame front with the piston, cylinder head and cylinder wall, in order to provide the values of the flame radius corresponding to the burned mass volume and the surfaces for heat to the piston and walls. In conclusion, two-zone models work better in natural gas SI engines than in diesel engines since the basic space division theory is what happens exactly in SI engine combustion chambers as the flame propagates throughout the cylinder and separates the combustion chamber. However, most researchers put emphasis on the spherical flame propagation process and rely on complicated reaction mechanisms to obtain the emission concentration, which would increase the model complexity and computational cost to some extent.
In this paper, an in-cylinder process model of natural gas SI engine is built into the MATLAB/SIMULINK (R2012a, MathWorks, Natick, MA, USA) environment [30] , which provides the prediction of engine performance, NO emission and knocking performance. The model consists of a single-zone compression sub-model, a two-zone combustion sub-model and a single-zone expansion sub-model. The overall computational cost is decreased by using cylindrical division theory and a basic reaction mechanism when developing the two-zone combustion sub-model. The heat release rate is firstly calculated from the measured in-cylinder pressure and the obtained Vibe parameters will be used to simulate the energy release of natural gas. After model validation with engine test data, the effect of boundary parameters variation and knocking factors on engine performance will be discussed under different engine working conditions.
Description of the Simulation Model

Two-Zone Simulation Model
For physical combustion process of spark-ignited engines, the in-cylinder space is separated as a high-temperature zone and a low-temperature zone by the spherical flame front, as shown in Figure 1 . Since heat release rate is calculated from measured in-cylinder pressure, and characterizing spherical zone is not necessary when heat release acquisition does not rely on flame propagation speed. To reduce the computational cost, the in-cylinder space is considered to consist of two cylindrical zones, namely the burnt zone and unburnt zone, as depicted in Figure 2 . Each zone is characterized as a closed system from inlet valve close to exhaust valve open, during which the pressure and temperature are uniform as well as the species concentrations. is the mixed gas flow entering the burnt zone including natural gas, air and stoichiometric gas. Since heat release rate is calculated from measured in-cylinder pressure, and characterizing spherical zone is not necessary when heat release acquisition does not rely on flame propagation speed. To reduce the computational cost, the in-cylinder space is considered to consist of two cylindrical zones, namely the burnt zone and unburnt zone, as depicted in Figure 2 . Each zone is characterized as a closed system from inlet valve close to exhaust valve open, during which the pressure and temperature are uniform as well as the species concentrations. . m ent g is the mixed gas flow entering the burnt zone including natural gas, air and stoichiometric gas. The two-zone thermodynamic model is built on certain assumptions, as outlined as follows:
1. The space inside the cylinder is discretized in two cylindrical zones-burnt zone and unburnt zone; 2. The pressure at any time is uniform throughout the cylinder; 3. The in-cylinder temperature is separated as burnt temperature and unburnt temperature, which is uniform in their own zone. There is no heat transfer between the two zones; 4. The unburnt zone is composed of natural gas, air and stoichiometric gas, while the burnt zone is entirely composed of stoichiometric gas. Combustion occurs in the flame front, which is negligible in volume; 5. Gas in each zone is assumed to be homogenous and the basic species are considered as ideal but non-perfect gases. Thus, the thermal properties of the basic in-cylinder gases are functions of in-cylinder temperature.
According to these assumptions, sub-models for each zone are zero-dimensional. The subscripts 1 and 2 will be used to describe parameters related to burnt zone and unburnt zone, respectively. Equation (1) is the basic equation of the simulation model for burnt zone, which is derived from the First Law of Thermodynamics by separating temperature terms:
Energy conservation in unburnt zone is presented as Equation (2), in which the terms are similar to Equation (1) excluding the combustion heat flow:
where m1 and m2 are separately the gas mass in burnt zone and unburnt zone; cv is the specific heat in constant volume; T is the gas temperature;  ent g m is the mass flow from unburnt zone to burnt zone; ent g h is enthalpy of the gas that leaves unburnt zone; ug is thermodynamic energy of gas;  exit sg m is the mass flow from burnt zone to unburnt zone; exit sg h is the enthalpy of the gas that leaves burnt zone;
ucomb is combustion heat flow; ξ is the combustion rate; Q1->wall is heat loss flow to cylinder wall in burnt zone; Q2->wall is heat loss flow to cylinder wall in unburnt zone; p is in-cylinder gas pressure; and V is in-cylinder volume.
Volume Balance
During the in-cylinder process, since the volume ratio of burnt zone and unburnt zone changes once the combustion begins, the volume balance is important to calculate each zone's volume and the in-cylinder pressure. Figure 3 illustrates the calculation flow of volume balance, in which the Ideal Gas Law and geometry of the engine are used. Galindo [27] introduced three boundary parameters to describe the mass and energy flow between two gas phase zones in his three-zone The two-zone thermodynamic model is built on certain assumptions, as outlined as follows:
The space inside the cylinder is discretized in two cylindrical zones-burnt zone and unburnt zone; 2.
The pressure at any time is uniform throughout the cylinder; 3.
The in-cylinder temperature is separated as burnt temperature and unburnt temperature, which is uniform in their own zone. There is no heat transfer between the two zones; 4.
The unburnt zone is composed of natural gas, air and stoichiometric gas, while the burnt zone is entirely composed of stoichiometric gas. Combustion occurs in the flame front, which is negligible in volume; 5.
Gas in each zone is assumed to be homogenous and the basic species are considered as ideal but non-perfect gases. Thus, the thermal properties of the basic in-cylinder gases are functions of in-cylinder temperature.
where m 1 and m 2 are separately the gas mass in burnt zone and unburnt zone; c v is the specific heat in constant volume; T is the gas temperature;
. m ent g is the mass flow from unburnt zone to burnt zone; h ent g is enthalpy of the gas that leaves unburnt zone; u g is thermodynamic energy of gas;
. m exit sg is the mass flow from burnt zone to unburnt zone; h exit sg is the enthalpy of the gas that leaves burnt zone; u comb is combustion heat flow; ξ is the combustion rate; Q 1->wall is heat loss flow to cylinder wall in burnt zone; Q 2->wall is heat loss flow to cylinder wall in unburnt zone; p is in-cylinder gas pressure; and V is in-cylinder volume. 
During the in-cylinder process, since the volume ratio of burnt zone and unburnt zone changes once the combustion begins, the volume balance is important to calculate each zone's volume and the in-cylinder pressure. Figure 3 illustrates the calculation flow of volume balance, in which the Ideal Gas Law and geometry of the engine are used. Galindo [27] introduced three boundary parameters to describe the mass and energy flow between two gas phase zones in his three-zone diesel engine model, which guides solving the volume balance of the two-zone natural gas engine model in this paper. diesel engine model, which guides solving the volume balance of the two-zone natural gas engine model in this paper. The initial mass coefficient Smass is defined as the ratio of the initial mass of burnt zone and the overall cylinder zone:
where
is the initial mass of burnt zone;
is the initial mass of unburnt zone; and m0 is the mass of the whole cylinder at inlet valve close moment (kg).
The entrained rate  ent g m represents the mass flowing from unburnt zone to burnt zone. It is determined by the stoichiometry of fuel σ and the combustion rate ξ on the assumption that the unburnt zone is composed of natural gas and air. In fact it is inevitable for the stoichiometric gas to enter the unburnt zone during the mass exchange process between the two zones. The entrainment factor λent is introduced to account for the existence of stoichiometric gas in the unburnt zone and the possibility that entrained air could be more than or less than the stoichiometric amount. Then, the entrained rate can be calculated by Equation (5):
Referring to the literature [19, 20] , on the one hand, in the research of Holhbaum, all the produced gas leaves the burnt zone, and, on the other hand, in the Heider model, the produced stoichiometric gas stays in the burnt zone. Therefore, the Heider-Holhbaum factor SHH [27] is defined as the quotient between the stoichiometric gas flow leaving the burnt zone and the stoichiometric gas production rate. Then, the mass flow of stoichiometric gas leaving the burnt zone can be worked out according to Equation (6):
Gas Properties
The 'specific heat of combustion' can be calculated by the internal energy of fuel, air and stoichiometric gas in Equation (7):
where uf, ua, and usg is the specific internal energy of diesel, air and stoichiometric gas (J/kg). The initial mass coefficient S mass is defined as the ratio of the initial mass of burnt zone and the overall cylinder zone:
where m Burnt,0 is the initial mass of burnt zone; m Unburnt,0 is the initial mass of unburnt zone; and m 0 is the mass of the whole cylinder at inlet valve close moment (kg). The entrained rate . m ent g represents the mass flowing from unburnt zone to burnt zone. It is determined by the stoichiometry of fuel σ and the combustion rate ξ on the assumption that the unburnt zone is composed of natural gas and air. In fact it is inevitable for the stoichiometric gas to enter the unburnt zone during the mass exchange process between the two zones. The entrainment factor λ ent is introduced to account for the existence of stoichiometric gas in the unburnt zone and the possibility that entrained air could be more than or less than the stoichiometric amount. Then, the entrained rate can be calculated by Equation (5):
Referring to the literature [19, 20] , on the one hand, in the research of Holhbaum, all the produced gas leaves the burnt zone, and, on the other hand, in the Heider model, the produced stoichiometric gas stays in the burnt zone. Therefore, the Heider-Holhbaum factor S HH [27] is defined as the quotient between the stoichiometric gas flow leaving the burnt zone and the stoichiometric gas production rate. Then, the mass flow of stoichiometric gas leaving the burnt zone can be worked out according to Equation (6) :
where u f , u a , and u sg is the specific internal energy of diesel, air and stoichiometric gas (J/kg). Gas properties of the mixtures are functions of in-cylinder temperature and the mixture fraction since each species are considered as ideal but non-prefect gases in the model. Thus, the specific heat in constant volume of in-cylinder gas can be calculated according to Equation (8) . Specific internal energy, specific enthalpy and gas constant can be figured out in the same way:
where x a , x f , and x sg is the mass fraction of air, natural gas and stoichiometric gas in each zone; c v,a , c v,f , and c v,sg is the specific heat in constant volume of air, natural gas and stoichiometric gas (J/kg/K).
Knocking Model
According to the Otto principle operating window, the operation zone of natural gas SI engine gets narrower sharply when Brake Mean Effective Pressure (BMEP) is further promoted [31] . Figure 4 shows the Otto principle operation window of the Wärtsilä 9L50DF engine when it operates in dual-fuel mode [32] . The optimum performance point is determined by knocking limiting, misfiring limit, thermal efficiency and NO x emission. The knocking phenomenon is one of the most significant factors that limits the performance and thermal efficiency of SI engine, which is caused by spontaneous ignition in the end-gas zone before the flame front arrives. When this abnormal combustion process takes place, there is an extremely rapid release of the chemical energy in the end-gas, causing very high local pressures and the propagation of pressure waves of substantial amplitude across the combustion chamber. Gas properties of the mixtures are functions of in-cylinder temperature and the mixture fraction since each species are considered as ideal but non-prefect gases in the model. Thus, the specific heat in constant volume of in-cylinder gas can be calculated according to Equation (8) . Specific internal energy, specific enthalpy and gas constant can be figured out in the same way:
where xa, xf, and xsg is the mass fraction of air, natural gas and stoichiometric gas in each zone; cv,a, cv,f, and cv,sg is the specific heat in constant volume of air, natural gas and stoichiometric gas (J/kg/K).
According to the Otto principle operating window, the operation zone of natural gas SI engine gets narrower sharply when Brake Mean Effective Pressure (BMEP) is further promoted [31] . Figure 4 shows the Otto principle operation window of the Wärtsilä 9L50DF engine when it operates in dual-fuel mode [32] . The optimum performance point is determined by knocking limiting, misfiring limit, thermal efficiency and NOx emission. The knocking phenomenon is one of the most significant factors that limits the performance and thermal efficiency of SI engine, which is caused by spontaneous ignition in the end-gas zone before the flame front arrives. When this abnormal combustion process takes place, there is an extremely rapid release of the chemical energy in the end-gas, causing very high local pressures and the propagation of pressure waves of substantial amplitude across the combustion chamber. The probability and corresponding position of knocking can be obtained by Equation (9) . According to Heywood [7] , knocking occurs when the integration in Equation (9) reaches unity:
where τ is the induction time at the instantaneous temperature and pressure for the mixture, t is the elapsed time from the start of the end-gas compression process (t = 0), and ti is the time of auto-ignition: The probability and corresponding position of knocking can be obtained by Equation (9) . According to Heywood [7] , knocking occurs when the integration in Equation (9) reaches unity:
where τ is the induction time at the instantaneous temperature and pressure for the mixture, t is the elapsed time from the start of the end-gas compression process (t = 0), and t i is the time of auto-ignition: 
where τ is in milliseconds, p is absolute pressure in atmosphere, and T is in kelvin. ON is the appropriate octane number of the fuel. If the temperature and pressure time history of the end-gas during an individual cycle are known, Equations (9) and (10) can be used to determine whether auto-ignition occurs before the normally propagating flame consumes the end-gas.
NO x Model
The NO x sub-model is developed in this two-zone model to describe the NO x formation and consumption. While nitric oxide (NO) and nitrogen dioxide (NO 2 ) are usually grouped together as NO x emissions, nitric oxide is the predominant oxide of nitrogen produced inside the cylinder. The NO formation has been modeled using a well-known extended Zeldovich oxidation mechanism [7] with three reactions (Equation (11)). In this equilibrium approach, it is assumed that the residence time in the flame is short enough to be neglected so that the NO formation only takes place in the burnt zone:
Since the third equilibrium reaction in Equation (11) contributes less to NO formation and slows down the calculation speed of the overall model, only the first two reactions are used to calculate NO concentration, i.e., the basic Zeldovich mechanism. According to Equation (12) , NO concentration can be calculated with temperature assuming that main in-cylinder species reach equilibrium in a negligible time:
where the symbol bracket represents the concentrations of different species (mol/cm 3 ), and k f1 , k b1 , k f2 , and k b2 are temperature related reaction rate coefficients (cm 3 /(mol·s)). As shown in Figure 5 , the in-cylinder process simulation model of natural gas engine is built in the MATLAB/SIMULINK environment, in which the calculation process is based on the above formulas. The first step is to calculate heat release rate from the measured in-cylinder pressure and obtain Vibe parameters under different working conditions by the curve fit model. The in-cylinder process model consists of a single-zone compression sub-model, a two-zone combustion sub-model and a single-zone expansion sub-model. The obtained Vibe parameters will be used to simulate the heat release rate of natural gas in the two-zone combustion sub-model. In-cylinder parameters like air fraction, pressure and temperature in burnt zone will be used to calculate knocking parameters and NO concentration. 
Engine Performance Results of Two-Zone Model
An SI natural gas engine transformed from 2135 diesel engine is used in this paper to verify the simulation model. The main technical parameters are shown in Table 1 . The transformation includes replacing the diesel fuel injection jet by a spark plug as well as adding a premixed natural gas supply system and related sensors. Multi-point injection technology is adopted by installing the electronic injection valve in each intake manifold, which enables the Electronic Control Unit (ECU) to precisely adjust the intake mass flow and supply timing of each cylinder. Related sensors are used to measure in-cylinder pressure, rotation speed, natural gas mass flow, intake temperature and pressure. Figure 6 shows the transformed 2135 natural gas engine. Since the engine geometric structure stays the same, natural gas decreases the charge efficiency by occupying a portion of the intake volume, resulting in a re-calibrated rated working condition of 1200 r/min and 22.05 kW (75% of original load). 
An SI natural gas engine transformed from 2135 diesel engine is used in this paper to verify the simulation model. The main technical parameters are shown in Table 1 . The transformation includes replacing the diesel fuel injection jet by a spark plug as well as adding a premixed natural gas supply system and related sensors. Multi-point injection technology is adopted by installing the electronic injection valve in each intake manifold, which enables the Electronic Control Unit (ECU) to precisely adjust the intake mass flow and supply timing of each cylinder. Related sensors are used to measure in-cylinder pressure, rotation speed, natural gas mass flow, intake temperature and pressure. Figure 6 shows the transformed 2135 natural gas engine. Since the engine geometric structure stays the same, natural gas decreases the charge efficiency by occupying a portion of the intake volume, resulting in a re-calibrated rated working condition of 1200 r/min and 22.05 kW (75% of original load).
Composition of the natural gas used in test actually is quite complicated, but can be simplified to be CH 4 , C 2 H 6 , C 3 H 8 , i-C 4 H 10 , n-C 4 H 10 , C 5 H 12 and N 2 in the simulation model, as shown in Table 2 . Composition of the natural gas used in test actually is quite complicated, but can be simplified to be CH4, C2H6, C3H8, i-C4H10, n-C4H10, C5H12 and N2 in the simulation model, as shown in Table 2 . 
Validation of Two-Zone Model
In this part, the two-zone model will be validated by measured pressure from the engine test bed firstly. Then, a single-zone model is introduced for comparison since in-cylinder pressure is the only experimental data and more details of the two-zone model need be investigated. Figure 7 shows the profile of in-cylinder pressure simulated by the two-zone model and engine test data, as well as simulation results by the single-zone model. Apart from the combustion fluctuation and channel effect, the simulated pressure curves of both two-zone models and single-zone models coincide well with the experimental data.
In-cylinder temperatures of two-zone models and single-zone models are compared in Figure 8 . It can be seen that temperatures in these two models stay the same during the compression and expansion stages. Temperature curves begin to separate at the start of combustion (169° CA) and coincide with each other again after the end of combustion (265° CA). During the separated combustion stage, peak temperatures in burnt zone and unburnt zone, respectively, reach 2338 K and 1219 K, while that in a single-zone model is 2066 K. 
In-cylinder temperatures of two-zone models and single-zone models are compared in Figure 8 . It can be seen that temperatures in these two models stay the same during the compression and expansion stages. Temperature curves begin to separate at the start of combustion (169 • CA) and coincide with each other again after the end of combustion (265 • CA). During the separated combustion stage, peak temperatures in burnt zone and unburnt zone, respectively, reach 2338 K and 1219 K, while that in a single-zone model is 2066 K.
The volume variations of two-zone model and single-zone model are presented in Figure 9 in the form of instantaneous ratio to volume at the bottom dead center. During the compression stage, the in-cylinder spaces are assumed to be homogeneous in both two-zone models and single-zone models. Once combustion begins, the volume of burnt zone increases fast from zero and nearly occupies the whole cylinder at the end of combustion. However, the unburnt zone still exists at the end of combustion accounting for incomplete combustion in two-zone models. From the start of expansion stage, gases in burnt zones and unburnt zones start to mix and expand until the exhaust values open, which results in a homogeneous zone just like that in single-zone models. The volume variations of two-zone model and single-zone model are presented in Figure 9 in the form of instantaneous ratio to volume at the bottom dead center. During the compression stage, the in-cylinder spaces are assumed to be homogeneous in both two-zone models and single-zone models. Once combustion begins, the volume of burnt zone increases fast from zero and nearly occupies the whole cylinder at the end of combustion. However, the unburnt zone still exists at the end of combustion accounting for incomplete combustion in two-zone models. From the start of expansion stage, gases in burnt zones and unburnt zones start to mix and expand until the exhaust values open, which results in a homogeneous zone just like that in single-zone models. The volume variations of two-zone model and single-zone model are presented in Figure 9 in the form of instantaneous ratio to volume at the bottom dead center. During the compression stage, the in-cylinder spaces are assumed to be homogeneous in both two-zone models and single-zone models. Once combustion begins, the volume of burnt zone increases fast from zero and nearly occupies the whole cylinder at the end of combustion. However, the unburnt zone still exists at the end of combustion accounting for incomplete combustion in two-zone models. From the start of expansion stage, gases in burnt zones and unburnt zones start to mix and expand until the exhaust values open, which results in a homogeneous zone just like that in single-zone models. The volume variations of two-zone model and single-zone model are presented in Figure 9 in the form of instantaneous ratio to volume at the bottom dead center. During the compression stage, the in-cylinder spaces are assumed to be homogeneous in both two-zone models and single-zone models. Once combustion begins, the volume of burnt zone increases fast from zero and nearly occupies the whole cylinder at the end of combustion. However, the unburnt zone still exists at the end of combustion accounting for incomplete combustion in two-zone models. From the start of expansion stage, gases in burnt zones and unburnt zones start to mix and expand until the exhaust values open, which results in a homogeneous zone just like that in single-zone models. . Volume ratio in two-zone models and single-zone models. Figure 10 shows the NO concentration calculated by the basic Zeldovich mechanism. From Figure 10 , the NO concentration predicted by single-zone models can be neglected compared to the two-zone model mainly because the single-zone temperature doesn't exceed 2000 K for long, above which the thermal NO begins to form at a large scale. Combining with the engine speed and output power, the final NO emission can be computed to be 7.78 g/(kW·h). Figure 10 shows the NO concentration calculated by the basic Zeldovich mechanism. From Figure 10 , the NO concentration predicted by single-zone models can be neglected compared to the two-zone model mainly because the single-zone temperature doesn't exceed 2000 K for long, above which the thermal NO begins to form at a large scale. Combining with the engine speed and output power, the final NO emission can be computed to be 7.78 g/(kW·h). Table 3 shows the engine operation parameters under engine different working conditions, which are measured in the 2135 natural gas engine test bed. For all the cases, the equivalence ratios are kept at 1 by controlling the throttle valve opening percentage and natural gas injection valve. To investigate the heat release with variable operation parameters, four working conditions are chosen to present the calculation results: 800 rpm and 25% load, 800 rpm and 75% load, 1200 rpm and 25% load, 1200 rpm and 75% load (the load percentage is compared to the original power). Figure 11 is the measured in-cylinder pressure under four selected working conditions. It can be seen from Figure 10 that, when the engine speed is fixed, the engine load exerts obvious influence on the in-cylinder pressure. The peak pressure value gets larger and occurs closer to TDC with higher engine load. When the engine load remains constant, the pressure curves at different speeds almost coincide, and the corresponding positions appear less than 1 degree different. Figure 12 shows the corresponding in-cylinder temperatures. The temperature curve under 75% load separates firstly from the compression pressure curve, and the highest peak temperature occurs under the condition of 800 r/min and 75% load. For all working conditions, the peak temperatures Table 3 shows the engine operation parameters under engine different working conditions, which are measured in the 2135 natural gas engine test bed. For all the cases, the equivalence ratios are kept at 1 by controlling the throttle valve opening percentage and natural gas injection valve. To investigate the heat release with variable operation parameters, four working conditions are chosen to present the calculation results: 800 rpm and 25% load, 800 rpm and 75% load, 1200 rpm and 25% load, 1200 rpm and 75% load (the load percentage is compared to the original power). Figure 11 is the measured in-cylinder pressure under four selected working conditions. It can be seen from Figure 10 that, when the engine speed is fixed, the engine load exerts obvious influence on the in-cylinder pressure. The peak pressure value gets larger and occurs closer to TDC with higher engine load. When the engine load remains constant, the pressure curves at different speeds almost coincide, and the corresponding positions appear less than 1 degree different. Figure 12 shows the corresponding in-cylinder temperatures. The temperature curve under 75% load separates firstly from the compression pressure curve, and the highest peak temperature occurs under the condition of 800 r/min and 75% load. For all working conditions, the peak temperatures vary from 1900 K to 2100 K, which are obviously higher than that in the original diesel engine. It is mainly because that the evaporation of liquid fuel in diesel engine absorbs heat from the surroundings and cools down in-cylinder gas. vary from 1900 K to 2100 K, which are obviously higher than that in the original diesel engine. It is mainly because that the evaporation of liquid fuel in diesel engine absorbs heat from the surroundings and cools down in-cylinder gas. According to Gupta [33] , the combustion process of natural gas SI engines can be divided into three stages, namely the flame development, flame propagation and flame quenching stages, and the way in which the stage durations are defined is usually arbitrary. In this paper, the interval points are defined as 5% and 90% percentage of the normalized reaction co-ordinate. It can be seen from Figure 13 that, with the same speed, combustion under high load condition starts and ends earlier than that under low load conditions, as well as the shorter combustion duration. The influence of engine speed on combustion start timing is not obvious, but the combustion duration is shortened with the increase of engine speed. The heat combustion flow under different working conditions is shown in Figure 14 . When rotation speed remains constant, the peak value of heat release rate appears earlier and climbs up with the load increase. When the engine load is fixed, the peak value rises with rotation speed increasing while the corresponding position stays the same. 
Heat Release Analysis of Engine Different Working Conditions
Temperature [K]
800 rpm,25% load 800 rpm,75% load 1200 rpm,25% load 1200 rpm,75% load Figure 11 . In-cylinder pressure at four working conditions. According to Gupta [33] , the combustion process of natural gas SI engines can be divided into three stages, namely the flame development, flame propagation and flame quenching stages, and the way in which the stage durations are defined is usually arbitrary. In this paper, the interval points are defined as 5% and 90% percentage of the normalized reaction co-ordinate. It can be seen from Figure 13 that, with the same speed, combustion under high load condition starts and ends earlier than that under low load conditions, as well as the shorter combustion duration. The influence of engine speed on combustion start timing is not obvious, but the combustion duration is shortened with the increase of engine speed.
vary from 1900 K to 2100 K, which are obviously higher than that in the original diesel engine. It is mainly because that the evaporation of liquid fuel in diesel engine absorbs heat from the surroundings and cools down in-cylinder gas. According to Gupta [33] , the combustion process of natural gas SI engines can be divided into three stages, namely the flame development, flame propagation and flame quenching stages, and the way in which the stage durations are defined is usually arbitrary. In this paper, the interval points are defined as 5% and 90% percentage of the normalized reaction co-ordinate. It can be seen from Figure 13 that, with the same speed, combustion under high load condition starts and ends earlier than that under low load conditions, as well as the shorter combustion duration. The influence of engine speed on combustion start timing is not obvious, but the combustion duration is shortened with the increase of engine speed. The heat combustion flow under different working conditions is shown in Figure 14 . When rotation speed remains constant, the peak value of heat release rate appears earlier and climbs up with the load increase. When the engine load is fixed, the peak value rises with rotation speed increasing while the corresponding position stays the same. 
800 rpm,25% load 800 rpm,75% load 1200 rpm,25% load 1200 rpm,75% load Figure 12 . In-cylinder temperature at four working conditions. The heat combustion flow under different working conditions is shown in Figure 14 . When rotation speed remains constant, the peak value of heat release rate appears earlier and climbs up with the load increase. When the engine load is fixed, the peak value rises with rotation speed increasing while the corresponding position stays the same. Table 4 shows the fitting result of Vibe parameters under different engine working conditions. Although SI natural gas mainly shows the characteristic of premixed combustion, the weight factor of premixed combustion b1 is set to be 0.95 rather than 1 to consider the possible existing diffusion combustion. As can be seen in Table 4 , with increasing of engine load at the same speed, the combustion starts early and the sustained period becomes shorter. Higher engine speed will shorten the combustion duration while it makes little difference to the start timing of combustion. 800 rpm, 25% load 800 rpm, 75% load 1200 rpm, 25% load 1200 rpm, 75% load Table 4 shows the fitting result of Vibe parameters under different engine working conditions. Although SI natural gas mainly shows the characteristic of premixed combustion, the weight factor of premixed combustion b1 is set to be 0.95 rather than 1 to consider the possible existing diffusion combustion. As can be seen in Table 4 , with increasing of engine load at the same speed, the combustion starts early and the sustained period becomes shorter. Higher engine speed will shorten the combustion duration while it makes little difference to the start timing of combustion. Table 4 shows the fitting result of Vibe parameters under different engine working conditions. Although SI natural gas mainly shows the characteristic of premixed combustion, the weight factor of premixed combustion b 1 is set to be 0.95 rather than 1 to consider the possible existing diffusion combustion. As can be seen in Table 4 , with increasing of engine load at the same speed, the combustion starts early and the sustained period becomes shorter. Higher engine speed will shorten the combustion duration while it makes little difference to the start timing of combustion. 
Boundary Parameters Investigation of Two-Zone Model
The three boundary parameters cast uncertain effects on peak pressure and temperature in burnt zones, which act as the key factors of engine thermal load. Thus, it is of great significance to investigate the effect of the boundary parameters on the peak value of in-cylinder pressure and temperature. The simulation investigation is carried out at rated working condition and the boundary parameters variations are set to be five equally-space values with one of them fixed, as shown in Table 5 . The interval of each parameter is marked in brackets behind the corresponding values. Table 5 . Boundary parameters variation. Since the combustion of SI engine is defined to start from 5% percent of total heat release, the initial mass coefficient S mass is introduced to consider residual gas of the last cycle and stoichiometric gas produced during the 5% combustion period. Figures 15 and 16 show the peak pressure and temperature values when S mass is set to be 0.2. The entrainment factor λ ent causes a decrease of 0.3 bar in peak pressure and an increase of 500 K in peak temperature when λ ent climbs from 0.5 to 1.5. S HH makes little difference to both peak pressure and temperature. The entrainment factor λ ent is defined to account for the existence of stoichiometric gas in the unburnt zone and correct the ratio of air and fuel entraining into the burnt zone. In this case, λ ent is set to be 1, which means that air and natural gas in unburnt zones are entrained into burnt zones in a strict stoichiometric ratio. Variation ranges of S mass and S HH are 0.05-0.3 and 0-1.0. It can be seen from Figure 17 that the peak pressure value decreases from 43.05 bar to 42.75 bar when the Heider-Holhbaum factor S HH climbs from 0 to 1. However, peak temperature value shows opposite trends rising from 2100 K to 2550 K, shown in Figure 18 . The initial mass coefficient S mass does not cast visible influence on peak pressure and temperature values. The Heider-Holhbaum factor S HH is introduced to correct the mass flow of stoichiometric gas leaving the burnt zone, which is originally calculated by the combustion rate ξ and air fuel ratio σ as in Equation (4) . The variation ranges of λ ent and S mass are 0.45-1.45 and 0.05-0.30. Peak pressure rises from 41.1 bar to 42.8 bar when λ ent increases from 0.45 to 1.45, seen as Figure 19 . Peak temperature in Figure 20 shows a downward trend from 2700 K to 2300 K with the increasing λ ent . Similar to case 2 (λ ent = 1.0), the initial mass coefficient S mass makes little difference to peak pressure and temperature. 
Boundary
Knocking Prediction
For SI natural gas engines, compression ratio and advanced ignition timing are two key joint factors of knocking and thermal efficiency, which should be considered firstly during the design period [34] . In this part, the verified simulation model will be used to investigate the effect of these two parameters on knocking probability and intensity.
Effect of Compression Ratio on Knocking
The natural gas engine with larger compression ratio burns fuel faster, achieving greater power output and better economic benefit. However, it is also accompanied with the possibility of knocking once the compression ratio reaches a certain limitation because larger compression ratios produce higher in-cylinder pressure and temperature, which promote spontaneous combustion before flame front arrives. In this section, the two-zone simulation model will be used to the investigate effect of compression ratio on knocking phenomenon. Figure 21 shows the natural induction time integration, which indicates knocking phenomenon occurring when it rises to unity. The figure indicates that compression ratio has a positive effect on knocking phenomenon since both the gradient and terminal value of natural induction time integration increase with compression ratio rising from 12 to 16. It seems the critical knocking point lies between the compression ratio of 13 and 14. The knocking index in Figure 22 represents the possibility of knocking, which shows the same trend with natural induction time integration in Figure 21 . Figure 23 illustrates that the knocking phenomenon occurs 22 degrees earlier after top dead center when compression ratio increases from 14 to 16 because the temperature in unburnt zones gets higher with larger compression ratios, making natural gas in unburnt zones more prone to spontaneous combustion. The knocking intensity is shown in Figure 24 , which is actually represented by the fuel percentage in unburnt zones when knocking phenomenon happens. On the assumption that all the fuel gets involved in knocking combustion, the more fuel remains in unburnt zones, the stronger the knocking intensity will be. As seen from Figure 23 , knocking intensity gets stronger with larger compression ratio since the advance of knocking timing leaves more natural gas unburnt.
Compared to the original 2135 diesel engine, the compression ratio after transformation could be promoted from 11 to a value slightly below 14, which approaches the best thermal efficiency while preventing the engine from knocking. This is mainly because natural gas has a higher auto-ignition temperature than diesel fuel, which enables a larger compression ratio. Figure 23 illustrates that the knocking phenomenon occurs 22 degrees earlier after top dead center when compression ratio increases from 14 to 16 because the temperature in unburnt zones gets higher with larger compression ratios, making natural gas in unburnt zones more prone to spontaneous combustion. The knocking intensity is shown in Figure 24 , which is actually represented by the fuel percentage in unburnt zones when knocking phenomenon happens. On the assumption that all the fuel gets involved in knocking combustion, the more fuel remains in unburnt zones, the stronger the knocking intensity will be. As seen from Figure 23 , knocking intensity gets stronger with larger compression ratio since the advance of knocking timing leaves more natural gas unburnt.
Compared to the original 2135 diesel engine, the compression ratio after transformation could be promoted from 11 to a value slightly below 14, which approaches the best thermal efficiency while preventing the engine from knocking. This is mainly because natural gas has a higher auto-ignition temperature than diesel fuel, which enables a larger compression ratio. 
Effect of Advanced Ignition Timing on Knocking
The aim of advanced ignition timing optimization is to guarantee that the burning gas expands right at the working stroke under various working conditions, which achieves lowest mean temperature, minimum knocking probability and highest engine efficiency. In this section, the advanced ignition angle is set from 15° to 35° before top dead center (BTDC) to investigate the effect of ignition timing on knocking phenomenon.
The influence of advanced ignition angle on natural induction time integration is shown in Figure 24 . With increasing of advanced ignition angle, the natural induction time integration gets larger. It means knocking phenomenon is more likely to occur with the advanced ignition angle increasing, which shares the same trend with the knocking index in Figure 25 . However, knocking does not occur when advanced ignition angle stays below 25° BTDC. 
The aim of advanced ignition timing optimization is to guarantee that the burning gas expands right at the working stroke under various working conditions, which achieves lowest mean temperature, minimum knocking probability and highest engine efficiency. In this section, the advanced ignition angle is set from 15 • to 35 • before top dead center (BTDC) to investigate the effect of ignition timing on knocking phenomenon.
The influence of advanced ignition angle on natural induction time integration is shown in Figure 24 . With increasing of advanced ignition angle, the natural induction time integration gets larger. It means knocking phenomenon is more likely to occur with the advanced ignition angle increasing, which shares the same trend with the knocking index in Figure 25 . However, knocking does not occur when advanced ignition angle stays below 25 • BTDC.
For corresponding knocking timing, Figure 26 shows that knocking phenomenon occurs early when advanced ignition angle increases. This is mainly because premature ignition advances the start of combustion and causes higher mean temperature, which promotes local spontaneous combustion in unburnt zones. In addition, the flame front has not yet spread far enough because of the advanced knocking timing, leaving more natural gas in unburnt zones. It explains why knocking gets stronger when advanced ignition angle increases, as shown in Figure 26 . For corresponding knocking timing, Figure 26 shows that knocking phenomenon occurs early when advanced ignition angle increases. This is mainly because premature ignition advances the start of combustion and causes higher mean temperature, which promotes local spontaneous combustion in unburnt zones. In addition, the flame front has not yet spread far enough because of the advanced knocking timing, leaving more natural gas in unburnt zones. It explains why knocking gets stronger when advanced ignition angle increases, as shown in Figure 26 .
According to the results above, retarding ignition timing seems a good way to prevent knocking phenomenon in SI natural gas engines. Nevertheless, overly retarded ignition timing could cause incomplete combustion due to insufficient time for flame kernel development, leading to lower engine efficiency and higher fuel consumption. Even worse misfiring happens when mixture temperatures in end zones drop below the misfiring temperature because of expansion and quenching [35] . Thus, the advanced ignition angle should be optimized to balance the knocking probability and engine efficiency. For corresponding knocking timing, Figure 26 shows that knocking phenomenon occurs early when advanced ignition angle increases. This is mainly because premature ignition advances the start of combustion and causes higher mean temperature, which promotes local spontaneous combustion in unburnt zones. In addition, the flame front has not yet spread far enough because of the advanced knocking timing, leaving more natural gas in unburnt zones. It explains why knocking gets stronger when advanced ignition angle increases, as shown in Figure 26 .
According to the results above, retarding ignition timing seems a good way to prevent knocking phenomenon in SI natural gas engines. Nevertheless, overly retarded ignition timing could cause incomplete combustion due to insufficient time for flame kernel development, leading to lower engine efficiency and higher fuel consumption. Even worse misfiring happens when mixture temperatures in end zones drop below the misfiring temperature because of expansion and quenching [35] . Thus, the advanced ignition angle should be optimized to balance the knocking probability and engine efficiency. According to the results above, retarding ignition timing seems a good way to prevent knocking phenomenon in SI natural gas engines. Nevertheless, overly retarded ignition timing could cause incomplete combustion due to insufficient time for flame kernel development, leading to lower engine efficiency and higher fuel consumption. Even worse misfiring happens when mixture temperatures in end zones drop below the misfiring temperature because of expansion and quenching [35] . Thus, the advanced ignition angle should be optimized to balance the knocking probability and engine efficiency.
Conclusions
In this paper, a two-zone model of natural gas SI engine is developed on the assumption that the combustion chamber is divided into two different temperature zones by flame front. The model accuracy is verified by measured pressure and more details are investigated by comparing to a single-zone model, including in-cylinder temperature and NO emission. Heat release rates under different working conditions are also analyzed and transformed into Vibe function form by curve fitting. Then, the three defined boundary parameters are discussed referring to peak pressure and temperature. Furthermore, research is carried out to investigate the effect of compression ratio and advanced ignition timing on knocking phenomenon. It can be concluded as follows:
1.
The two-zone model shows high accuracy in predicting engine performance and NO emission, thus forming a rival to its multi-zone counterpart due to the much lower computer time cost and effort needed for it.
